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A novel approach is proposed for precise control of two-phase spray evaporative cooling 
for thermal management of road vehicle internal combustion engines. A reduced-order 
plant model is first constructed by combining published spray evaporative cooling 
correlations with approximate governing heat transfer equations appropriate for IC engine 
thermal management. Control requirements are specified to allow several objectives to be 
met simultaneously under different load conditions. A control system is proposed and 
modelled in abstract form to achieve spray evaporative cooling of a gasoline engine, with 
simplifying assumptions made about the characteristics of the coolant pump, spray nozzle, 
and condenser. The system effectiveness is tested by simulation to establish its ability to 
meet key requirements, particularly concerned with precision control during transients 
resulting from rapid engine load variation. The results confirm the robustness of the 
proposed control strategy in accurately tracking a specified temperature profile at various 






















A      area 
Bo    boiling number (defined in Equation 3) 
C      specific heat capacity 
D      diameter 
d32   Sauter mean diameter 
hfg    specific enthalpy of vaporisation 
H      nozzle exit to wall distance 
Ja    Jakob number (defined in Equation 5) 
k      thermal conductivity 
K     three-way mixing valve constant 
m     mass 
p      pressure 
q      heat flux 
Q     heat flow 
t       time 
T      temperature 
U     velocity 
w     plate thickness 
We   Weber number (defined in Equation 4) 
 
,  and  constants in Equation 2 
∆p   pressure difference 
∆T   temperature difference 
     dynamic viscosity 
     density 
     surface tension 
 
Subscripts 
c                  pertaining to the coolant 
L, v              pertaining to the liquid and vapour phases, respectively 
in, out          pertaining to inlet and outlet conditions, respectively 
o                  pertaining to the nozzle exit 





1.  INTRODUCTION  
The development of new cooling strategies across a range of different application areas 
has resulted in a high degree of functionality for both component hardware and cooling 
systems. This includes applications within the automotive sector, aerospace, electronics, 
and the nuclear industry. In the electronics industry for example, the ever-demanding 
requirements of the ‘lab-on-a-chip’, has made thermal management a major challenge. 
And of particular relevance in the automotive sector, thermal management of ‘highly-
boosted’ internal combustion engines is placing a serious limit on the ability to improve 
engine efficiency by ‘downsizing’. Temperature control of complex systems in these 
sectors plays a vital role in achieving consistent system performance. This may mean 
either tracking a prescribed temperature profile or maintaining values within very carefully 
specified thermal limits.  And although further advances in cooling technology may 
overcome the current limitations of existing cooling methods, precise thermal management 
may not be possible with existing control strategies. The focus of this paper is to find an 
appropriate control strategy to realise the full benefits of spray evaporative cooling for 
combustion engines that will mainly be used for automotive vehicle propulsion in the light-
duty sector. 
  The design of any cooling system requires careful consideration of several interrelated 
factors: e.g. the maximum permissible heat flux and temperature, thermally-induced 
stresses, tolerances, reliability, parasitic energy consumption (of the cooling system), and 
the operating environment. As shown in figure 1 [1], spray evaporative cooling offers great 
potential for heat removal because the heat transfer coefficient is an order of magnitude 
greater than in nucleate boiling, and two orders of magnitude greater than single phase 
forced-convection with water. This enhancement in heat transfer over more-conventional 
cooling systems is a result of the complete evaporation of small (sub-millimetre diameter) 





  The first experimental evidence of spray cooling on solid surfaces was reported in 1966 
[2][3] - the result of carefully examining the spray cooling mechanism and the associated 
boiling curves generated in [4]. The first empirical spray cooling correlations were obtained 
4 years later [5-7]. But it took another 20 years to understand the principal concepts 
involved and to derive correlations for single (liquid) phase spray cooling. The milestones 
for this (single-phase) period are summarised in Table 1.  
 
Table 1 – Milestones in spray cooling research (1966-1985) 
 Main achievement Year 
1 Surface temperature and coolant temperature play are important in spray 
cooling effectiveness [2]. 
 
1966 
2 Specific water impact density implies a specific boiling curve [3]. 1966 
3 There is a strong relationship between the heat transfer coefficient and the 
spray mass flux [5-7]. 
 
1970 
4 Different regions needs different correlations to analyse [8-9].  1972 
1974 





6 The heat transfer effectiveness is a function of the inverse of the square 
root of droplet diameter [12]. 
 
1982 
7 The spray cooling behaviour on a flat surface is hypothesized [13]. 1984 
 
  
In the late 1980s, detailed studies on two-phase spray cooling were undertaken to 
understand and establish the effects on heat transfer of droplet size and velocity, mass 
flow rate, injector nozzle geometry, and the amount of sub-cooling [13-17]. It was in this 
period that a maximum heat flux of around 12 MW/m2 was shown to be achievable with 
‘superheating’ of only 20C (where here the term ‘superheat’ refers to the difference 
between the temperature of the target surface and the coolant saturation temperature). 





cooling [19-21]. But it also confirmed that it is possible to avoid the undesirable transition 
boiling phenomenon that occurs for high excess temperature differences in both the pool 
and flow boiling regimes. 
  The first practical application of spray evaporative cooling was reported in 1994 in an 
application to a computer processor [22], where miniature atomisers were used to spray a 
dielectric coolant. Other notable achievements in the development of spray cooling 
technology were the experimental studies on generating single-phase spray correlations 
[23-24]; the work on two-phase spray correlations [25-28]; and the spray parameter 
correlations (i.e. the ‘Sauter Mean Diameter’, and the ‘critical heat flux’) [29-30]. Finally, 
the notable achievements in studying the sensitive effect that spray parameters have on 
the heat transfer characteristics are reported in [31-35].  
  In the past decade, research has focused mainly on the challenges of implementing 
spray cooling in practical applications. The main challenge is that of control, in particular 
how the system parameters (coolant temperature and nozzle pressure difference) can be 
regulated to effectively control surface temperatures. Rybicki and Mudawar [36] undertook 
experimental studies to assess the effects of spray orientation on cooling performance, 
developing general correlations for single-phase heat transfer, nucleate boiling, and the 
critical heat flux.  They showed that regulation of spray mass flow rate, and Sauter mean 
diameter, are the key hydrodynamic parameters that influence spray cooling performance. 
The results of the numerical modelling of multiphase flow spray cooling by Selvan et al. 
[37], showed that regulating spray parameters (in order to maintain a thin film over the 
heated surface, and its interaction with impinging liquid droplets) is very important for heat 
removal at high heat flux values [37].  
  Three comprehensive, theoretical and experimental studies on spray evaporative cooling 
(and its application) were published in 2008 and 2009 by Mudawar and Visaria [38-40]. 





efficiency, and the magnitude of heat flux could all be changed by varying the amount of 
sub-cooling and mass flow. In 2009, Mudawar et al. [41] explored the viability and 
implementation of spray cooling for hybrid vehicle electronics, demonstrating that spray 
cooling is feasible for thermal management of hybrid vehicle electronics. However, despite 
proposing a viable system design, the control problem was not discussed. In 2010, Tilton 
and Tilton [42] patented a design for a thermal management system using spray 
evaporative cooling of microprocessors and other electronic devices. They did not propose 
any particular type of control strategy but suggested a passive solution involving sloped-
surfaces and drain-channels to direct coolant across the surface in order to manage the 
surface temperature. In 2016 Cheng et al. [43] published a comprehensive review of both 
spray and flash evaporation cooling, in which the challenges for future development and 
applications were discussed. Different applications of spray cooling were examined for 
supercomputers [44], spacecraft [45], automotive engineering [41], and reactor pressure 
vessels [46]. The challenges identified in these publications were: i) development of a 
suitable control strategy, ii) the adoption of good spray tactics to avoid droplet rebound 
from the heated surface, and iii) the improvement of droplet distribution.  ‘Good tactics’ 
ultimately means:  i) the proper match between the frequency and duration of consecutive 
injection cycles needed to control heat transfer, ii) the homogeneous dispersion of 
droplets, and iii) control of the liquid deposited to avoid excessive secondary atomization 
or pre-impingement-evaporation.    
   In this paper, a control strategy and control system are proposed for a spray evaporative 
cooling of highly-boosted light-duty automotive engines. This control strategy and system, 
potentially offer a highly-effective cooling method accruing benefits of reduced fuel 
consumption and carbon emissions, reduced engine mass, better knock control, and more 
uniform cylinder head temperatures. The proposed control strategy has been developed to 





  The paper is structured as follows: in Section 2 a plant model is constructed to describe 
the physics associated with spray evaporative cooling of an engine. This combines a 
lumped-parameter conductive and convective heat transfer modelling approach with 
published spray correlations. Section 3 describes the development of the control strategy 
which is then implemented in the form of a simulation model. Section 4 gives the results of 
three different types of simulation test involving a i) compatibility test, ii) a robustness test, 
and iii) steady and transient engine tests at part- and full-load. These simulated tests are 
designed to demonstrate the effectiveness of the proposed methodology in satisfying 
system requirements. The objective of the paper is to confirm the potential of the proposed 
cooling control methodology for spray evaporative cooling of highly-boosted automotive 
engines. 
 
2.  A MODEL FOR SPRAY EVAPORATIVE COOLING 
This section describes the construction of a reduced-order mathematical model to 
represent the physical ‘plant’ associated with spray evaporative cooling of an internal 
combustion engine. This plant model will ultimately be controlled to demonstrate its 
effectiveness in thermal management. First, the empirical equations needed to model 
spray evaporative heat transfer physics are adapted, and the key dimensionless 
parameters established. A reduced-order model is then obtained in the form of a lumped-
parameter heat-balance model which is followed by an iterative parameter selection 
procedure to enable a specific plant model to be constructed. This is achieved by selecting 
a particular nozzle type, and obtaining associated nozzle parameters. An overall (specific) 
plant model is thus obtained which has sufficient accuracy to allow a controlled version of 
the system model to be simulated. The controller, and the simulation model, will be 






2.1 Empirical correlations and nozzle selection for spray evaporative cooling  
To model temperature control of conventional IC engine cooling systems, several 
experimentally-validated, lumped-parameter models have been cited in the literature, such 
as Wagner et al. [47-49] , Eberth et al. [50], Henry et al. [51], Setlur et al. [52], and Page et 
al. [53]. The governing equation used in all of these studies stems from a simple heat 
balance which assumes that the engine can be represented as a single mass m, with 
sections of spatially-uniform (but time-varying) temperature T: 
                                                            𝑚 𝐶?̇? = ?̇?𝑖𝑛 − ?̇?𝑜𝑢𝑡                                                   (1) 
where ?̇?𝑖𝑛 is the rate of heat-release from the combustion process to the engine block (a 
function of engine load), ?̇?𝑜𝑢𝑡 is the heat dissipation rate to the cooling system, C is the 
engine block specific heat capacity. The heat input: ?̇?𝑖𝑛, and the temperature T,  are set by 
design, since the engine wall temperatures depend on the duty cycle. A cooling control 
system must therefore not only be able to deal with a prescribed variation in heat load but 
must also be able to track variations in engine temperature (specified as set-points).  
  For spray evaporative cooling, with a nozzle-to-wall distance H, and a surface-to-coolant 
temperature difference ∆T,  ?̇?𝑜𝑢𝑡 can be calculated using established correlations [27-28, 
54-55]. To be specific: for a fluid of density L ,  dynamic viscosity , surface tension , 
and specific enthalpy of vaporisation hfg, the spray cooling heat flux outout qQ 
   can be 
obtained using a non-dimensional correlation [27] expressing the Boiling Number Bo as a 
function of the Weber Number We, and the Jakob Number Ja. This takes the form: 
                                                           𝐵𝑜 =  𝛼 (𝑊𝑒)𝛽(𝐽𝑎)𝛾                                                 (2) 
where Boiling Number is defined as: 
                                                                  𝐵𝑜 =
?̇?𝑜𝑢𝑡𝐻
𝜇𝐿 ℎ𝑓𝑔
                                                        (3) 
the Weber Number defined as: 









and the Jakob Number defined as: 
                                                                    𝐽𝑎 =
𝐶𝐿 𝛥𝑇
ℎ𝑓𝑔
                                                         (5) 
The constant parameters in equation (2) for water are:  = 15.6,  = 0.59 and  = 1.68. 
Also, the exit velocity Uo operating with a pressure difference ∆p, and a discharge 
coefficient of unity, is given by the usual expression: 





                                                  (6) 
The Sauter Mean Diameter (SMD) of the spray droplets (needed in equation (4)) for a 
nozzle of exit diameter do, is obtained from the correlation [26, 29]:  











                                            (7) 
where 𝜌𝑣 is the vapour density.  
2.2 Explicit plant model design procedure   
To construct an explicit plant model, it is necessary to consider a specific set of conditions 
because the model must be obtained iteratively. A schematic diagram of the reduced order 
model is shown in figure 2. The cooled surface is represented by area A, of thickness w, 
thermal conductivity k, and with respective wall temperatures on the coolant and gas side 
as Tw,c and Tw,g. By substituting equations (2) - (7) into equation (1) setting outout qQ 
  , the 
model for the coolant-side wall temperature is given as:  
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Considering a heat balance condition from the gas-side to the coolant-side, the heat 
transfer rate can be expressed either in terms of conductive or convective heat transfer. By 
using a lumped-mass approximation of conductive heat transfer (from the gas-side to the 





two independent expressions can be constructed allowing elimination of the heat transfer 
coefficient associated with coolant-wall-to-coolant heat transfer. This results in an 
expression for the gas-side wall temperature as follows: 







]                                    (9)                 
 
Since the objective is to use heat transfer simulations to assess a proposed engine cooling 
control system, the design space must be constrained within the boundaries set by the 
applicability of the correlations used, and also within the limitations of the specified 
hardware. To meet these design requirements various combinations of control system 
configuration and nozzle option have been examined (but only the outcome is discussed 
here). This best spray nozzle selection outcome culminates in a step-by-step iterative 
procedure as follows: 
 
Step-by-step spray nozzle selection procedure  
Step-1:  Set the chamber pressure 𝑃𝑐ℎ𝑎𝑚𝑏𝑒𝑟 and coolant temperature, Tc. 
 
Step-2:  Obtain tabulated values of coolant thermodynamic properties (liquid phase density , 
surface tension , liquid phase viscosity , specific and latent heats, C and hfg). 
 
Step-3:  Select values of wall temperature, Tw,c, nozzle pump pressure Pnozzle, and nozzle-to-
wall distance, H and diameter d0. Obtain the heat flux from the following relationships:               
∆𝑃 = 𝑃𝑁𝑜𝑧𝑧𝑙𝑒 − 𝑃𝑐ℎ𝑎𝑚𝑏𝑒𝑟  and    ∆𝑇 = 𝑇𝑤,𝑐 − 𝑇𝑐. 
 
Step-4:  Obtain SMD, d32, from equation (7). 
 
Step-5:  Obtain droplet velocity from equation (6). 
 
Step-6:  Calculate Weber number from equation (4). 
 
Step-7:  Calculate Jacob number from equation (5). 
 
Step-8:  Calculate the boiling number from equation (3). 
 
Step-9:  Obtain heat flux q, from Bo.  If this value is unacceptable, go back to Step 3 and iterate. 
 
The acceptable designed value for q  is set to 1.6 MW/m2, which is considered to be the 





at full-load. The optimum spray-to-the-wall distance (i.e. parameter H in figure 2) is 
calculated for the condition where the spray just spans the heated area to achieve the 
largest heat flux as confirmed in [30]. As an example, the heated surface, as shown in 
figure 2, is modelled as a circular block with diameter D = 30 mm, thickness w = 10 mm, 
and thermal conductivity k = 205 W/(mK). 
  Following through this step-by-step spray nozzle selection procedure, the parameters 
associated with the selected nozzle (i.e.: a Bete JP8 [56]), are shown in Table 2. The 
calculated coolant mass flow rate of 0.77 gm/s corresponds to a mass flow rate of 81.41 
gm/s for spray cooling of a 100 kW engine (which represents just 3.5% of the required 
2280 gm/s coolant flow needed for a conventional cooling system). And although this is 
achieved at the expense of a much higher coolant pump discharge pressure (i.e. 11.5 bar 
instead of the 1.0 bar gauge pressure in a conventional system), spray evaporative cooling 
of an IC engine still offers a 60% reduction in the cooling power consumption. This is 
expected to bring significant benefits in improved fuel economy and reduced CO2 
emissions. However, these benefits can only be realised with a precise control and 
management strategy. The development of an appropriate control and management 
strategy is therefore discussed in Section 3. 
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3.  CONTROL SYSTEM DESIGN FOR SPRAY EVAPORATIVE COOLING OF ENGINES 
The ultimate objective of an engine cooling control system is to maintain the gas-side wall 
temperature 𝑇𝑤,𝑔(𝑡)  within pre-defined limits under all operating conditions. An engine 





while compensating for both cyclic and progressive variations in the combustion heat 
release which is effectively a heat input  ?̇?𝑖𝑛(𝑡) to the cooling jacket of the engine block. 
Equations 8 and 9 show that the control parameters in a spray evaporative cooling system 
are: the coolant temperature 𝑇𝐿, and the pressure difference ∆p  across the spray nozzle..  
It is practically impossible to measure gas-side metal temperatures of a running engine but 
the coolant-side wall temperature, and the vapour chamber pressure, can be easily 
measured (for example, respectively using a thermocouple and a pressure sensor). 
Assuming the system parameters, such as the engine jacket mass m, the specific heat 
capacity 𝐶  of the jacket metal, and relevant dimensions, are known constants, the control 
problem can be considered in terms of regulating the coolant-side metal temperatures 
rather than the gas-side metal temperatures. To be specific, the requirement is to precisely 
track a desired coolant-side wall temperature with the aim of keeping the gas-side wall 
temperature within a reasonable pre-defined range for all operating conditions. The 
operating conditions for the highest heat flux regions of the cylinder head are intended to 
replicate engine behaviour under both part- and full-load conditions corresponding to 
respective heat flux levels of ?̇?𝑖𝑛 = 0.2 MW/m
2 and ?̇?𝑖𝑛 = 1.5 MW/m
2. A control structure is 
proposed in figure 3, which will be shown by simulation to precisely achieve the desired 
temperature tracking for these load conditions. This contains two control loops and a 
regulating mechanism as now explained in the following sub sections: 
 
The spray coolant pump pressure control loop  
First, a coolant pump pressure PID control loop is designed (i.e. the dashed line shown in 
figure 3). The purpose is to regulate the coolant supply pump pressure upstream of the 
spray nozzle to enable the pressure difference ∆𝑝 in equation (8) to be set. The difference 
between the coolant-side wall temperature, and the desired wall temperature, is used as 






The spray coolant temperature control loop  
The coolant temperature control loop is shown as a dotted line in figure 3. This loop 
regulates the coolant temperature using the chamber pressure, and a pre-defined degree  
of ‘sub-cooling’ (where the term ‘sub-cooling’ here refers to the difference between the 
coolant temperature, and the coolant-side metal temperature. This loop calculates the 
coolant saturation temperature from the chamber pressure by using a simple look-up-
table, and then sets the coolant temperature to the pre-defined level of sub-cooling.  
The mechanism for integrating the pressure and temperature control loops 
Initial simulation tests on the pressure and temperature control loops showed that the 
control system worked well in the part-load condition. However it was not able to 
successfully deal with sudden changes of load of the sort typically expected in a road 
vehicle. In particular, the transient response from part- to full-load conditions was not 
acceptable. It became evident that changes in the pressure difference across the spray 
nozzle alone were not sufficient to provide the required degree of precision control. As a 
result of exploring various approaches to address this problem, it was found that the best 
results were obtained using a small additional coolant reservoir and a 3-way valve. The 
coolant in this additional reservoir is at lower temperature than the bulk of the coolant. A 
schematic diagram of the main coolant supply and the injected lower-temperature coolant  
path is shown in figure 3. The governing equation for this 3-way valve is: 
 
                                                          Tc = KTr + (1 − K) 𝑇𝑚                                              (10) 
 
where Tr is the temperature of the small reservoir of coolant, Tc is the (previously defined) 
temperature of the coolant sprayed into the chamber, and Tm is the temperature of the 
main coolant line. The temperature of the coolant sprayed into the jacket will be 





temperature of the small reservoir. Parameter K in equation (10) is an additional control 
gain to regulate the mass fraction of total sprayed coolant taken from reservoir. This gain 
value is assigned using feedback from the engine load level, indicated as a solid line in 
figure 3. Different assumed expressions for K as a function of engine load and reservoir 
temperature were examined, the best being found to be a linear function, taking values 
between 0 and 1 corresponding to a range of loads with corresponding flux densities of 0.3 
MW/m2 to 1.5 MW/m2, and with the reservoir temperature at a constant lower temperature 
of 40C. For (low) engine loads that require cooling power densities less than 0.3 MW/m2, 
the value of K is set to zero, which effectively switches-off the supply from the low 
temperature reservoir. 
  To summarise the control structure, measurements are assumed to be available of the 
coolant-side wall temperature, the spray chamber pressure, and the engine load level. The 
nozzle pressure and coolant temperature are then calculated (as described) to satisfy the 
required control modes for all heat flux ranges. A Simulink model of this strategy is shown 
in figure 4. Tuning of the 3 PID controller gains is achieved using a modified Ziegler–
Nichols method [58]. The value of the mass fraction gain K to give the best evaporative 
cooling performance was found by trial and error. This was achieved by setting the degree 
of ‘sub-cooling’ in the range 5C to 10C for part load conditions.  
 
4. TESTING THE SPRAY COOLING CONTROL MODEL USING SIMULATION 
The control strategy described in Section 3 is now tested on three different scenarios: i) a 
compatibility test, ii) a robustness test, and iii) a varying engine load test. For each case, a 
predetermined variation of coolant-side wall temperature and load-dependent heat flux is 
specified as a function of time. The success of the control strategy is judged on its ability to 
track the prescribed coolant-side wall temperature within acceptable limits, in the presence 





Scenario i): Compatibility Test    
The first scenario examines the compatibility of the control system to manage the 
temperature at part- and full-load, and also an instantaneous transition between these two 
conditions. Figure 5 shows the prescribed variation of coolant-side wall temperature, and 
the heat flux over a duration of 210 seconds. As can be seen from figure 5, for t ≤ 30 s, the 
heat flux through the wall is constant at 0.2 MW/m2; it then increases linearly to the full-
load conditions of 1.5 MW/m2 at t = 160 s, and remains at this heat flux level for a further 
30 s.  The coolant-side wall temperature is varied in seven piece-wise linear steps each of 
30 s duration as follows:   i)   120C for 0 ≤ t ≤ 30s; ii) an increase to 125C at t = 30s, then 
constant for 30s; iii) an increase to 135C at t = 60s, then constant for 30s; iv)  an increase 
to 145C at t = 90s, then constant for 30s; v) a decrease to 135C at t = 120s, then 
constant for 30s; vi) a decrease to 130C at t = 150s, then constant for 30s; and finally vii)  
a decrease to 120C at t = 180s, then constant for 30s. The results of this compatibility 
simulation are shown in figures 6 and 7. Figure 6 (a) shows the variation of coolant 
delivery temperature and pressure difference across the spray nozzle; figure 6(b) shows 
the fractional breakdown of the coolant mass flow, and the total flow. Figure 7 shows both 
the coolant-side and gas-side wall temperatures.   
Discussion of Scenario i) results  
As can be seen from figure 6 the control inputs (i.e. the coolant temperature, coolant flow 
rates, and the pressure difference) are all used to achieve the required degree of control. 
As would be expected, to accommodate the gradual increase in heat flux, there is an 
overall reduction in coolant temperature.  This is achieved by injecting water from the low-
temperature reservoir, and from an overall increase in the total coolant mass flow - a 
consequence of the change in the pressure difference ∆p. In addition to this overall 
reduction in coolant temperature, and the overall increase in mass flow, there are short-





profile as shown in figure 5. Also shown in figure 5 is that the relatively large value of heat 
flux of 1.5 MW/m2 is successfully dissipated by spray evaporative cooling using a coolant 
mass flow rate of 1.4 gm/s, which is very low compared with the use of single-phase liquid-
coolant. The benefit of this very low flow requirement is that the pumping power is 
significantly lower than for a conventional engine cooling system. And because pumping 
power is a parasitic loss, its reduction translates into a corresponding reduction in fuel 
consumption and CO2 emissions. 
  As shown in the insert in figure 7, the control strategy is successful in tracking the 
prescribed coolant-side wall temperature without steady-state error. But also within 
acceptable response time of less than 2 s. The value of the overshoot in the coolant-side 
temperature is within acceptable engineering limits (i.e. ≤ 3C) over the entire duration of 
210 seconds. Finally, as shown in figure 7, the gas-side metal temperature remains below 
200C over the entire cycle, and this is well within the safe thermal limits for the aluminium 
alloys typically used for engine manufacture. This is important for structural integrity since 
the gas-side wall temperature must not be allowed to exceed predetermined limits. 
 
Scenario II: Robustness test  
The robustness of the proposed control strategy is now tested in its ability to track the 
prescribed coolant side wall temperature shown in figure 5 in the presence of a sinusoidal 
variation in the wall heat flux. This variation of heat flux is shown in figure 8, where there 
are 10 complete heat flux cycles over a duration of 210 second, each having a period of 
21 second, with a minimum of 0.25 MW/m2 and a maximum of 1.45 MW/m2. The pressure 
difference across the nozzle, and coolant delivery temperature, are treated as control 
inputs as shown in figure 9(a). The individual contributions, also the total mass flow rates, 







Discussion of Scenario ii) results  
Figure 9(b) shows that a pump supplying 12 bar pressure with a flow rate less than 1.5 
gm/s, will allow the controller to manage the thermal behaviour of the system even in the 
presence of significant periodic heat flux variations. Figure 9(b) also shows that although 
there are changes in the mass flow rate in the main coolant line, most of the control comes 
from modulation of the flow from the low-temperature reservoir. This is an important finding 
as it clearly demonstrates the need for a low-temperature reservoir and a 3-way valve. 
Moreover, the control command (i.e. the pump voltage), is smooth enough to implement in 
a practical context to provide the coolant mass flow rate shown in figure 9(b). Smoothness 
avoids erratic fluctuations and severe disturbances in the signal that could undermine the 
controller. As shown in figure 10, the results of the simulation for this scenario clearly 
confirm robustness of the proposed approach. In particular, the temperature tracking 
control is achieved with high accuracy and reasonable response time. The fluctuation of 
temperature in this scenario is very low, falling within an acceptable operational range i.e. 
within ±1.5C.  However between 65 seconds and 150 seconds, when the coolant-side 
wall temperature exceeds 135C, the gas-side wall temperature does exceed 200C. 
 
Scenario III: An engine test  
The final test is to examine the proposed approach for engine cooling in an automotive 
vehicle application. This scenario corresponds to a critical situation where the level of heat 
flux suddenly jumps from a minimum (part-load) condition to maximum level (full-load). An 
example of this scenario is in rapid acceleration of a vehicle from rest. The heat flux 
profile, together with the prescribed variation in coolant-side wall temperature, is shown in 
figure 11. It would appear from this figure that changes in the heat flux and coolant-side 
wall temperature have an inverse relation to each other. Closer examination of the scale 





minimum heat flux, the coolant-side wall temperature is almost constant. An additional 
requirement is that the coolant-side wall temperature can, during the sudden increase, 
respond fully to the desired change in less than 3 seconds, and in less than 5 seconds, 
during a sudden decrease of heat flux.  
 
Discussion of Scenario iii) results  
The test results for Scenario iii) in figures 12 and 13, clearly demonstrate the ability of the 
proposed control approach to deal with realistic variations in engine load. Figure 12 shows 
that both the pressure difference across the nozzle, and the coolant flow rate, are within a 
feasible range for practical implementation. In this instance, the pump and nozzle 
combination are able to provide 11 bar differential pressure, and 1.6 gm/s of coolant. The 
temperatures for the engine test are shown in figure 13. The variation of gas-side wall 
temperature remains below 200C, and is considered to be wholly acceptable. Tracking of 
the coolant-side wall temperature is also satisfied without unacceptable over- and under-
shoot (i.e. less than 8C). The inserts in figure 11 show that the control, during a sudden 
transition of less 3 seconds duration, is able to track the wall temperature from part-load to 
full-load, and during a transition of less than 5 seconds, is successfully able to track 
temperature during  a change from full-load to part-load. 
  The test results for these three scenarios confirm the potential of spray evaporative 
cooling together with the proposed control structure for an automotive engine application. 
The proposed cooling system is expected to provide improved engine efficiency. 
Successful management of heat flux from the engine block has also been demonstrated, 
with significantly lower coolant flow rates using a smaller coolant pump. The control 
system design issues to be examined in a realistic implementation are: i) selection of cost-
effective sensors, ii) considerations of power and weight; iii) experimental verification, and 





5.  CONCLUSIONS 
A new control structure is proposed for the thermal management of road vehicle internal 
combustion engines using spray evaporative cooling. The cooling methodology and 
control system are shown by simulation to have very good potential in the practical 
automotive propulsion application identified. The proposed controller is tested in three 
different scenarios to examine compatibility, robustness, and the thermal demands of rapid 
vehicle acceleration from rest. The physical model that underpins these simulations is 
based on a combination of lumped-parameter modelling, and published correlations 
associated with spray evaporative heat transfer. The proposed control methodology and 
corresponding control system is shown to track the desired temperature profile with very 
acceptable precision and with wholly acceptable transient response performance. A vital 
design feature established for the proposed control system is the use of a three-way 
mixing valve, which regulates the injected flow of coolant from a separate low temperature 
reservoir into the main coolant line. Without this three-way valve and the low temperature 
reservoir, simulation results confirm that it would not be possible to achieve the degree of 
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Figure 1. Values of heat transfer coefficient in different cooling techniques, taken from [1]. 
 
Figure 2. Schematic diagram of a spray cooling system and relevant parameters. 
 
Figure 3. Schematic diagram of the spray cooling control structure. 
 
Figure 4. Simulink model for the spray cooling system with associated controller. 
 
Figure 5. Prescribed variations of: (a) coolant-side wall temperature and (b) heat flux in the 
compatibility scenario. 
 
Figure 6. Variation of: (a) coolant delivery temperature and pressure difference across the injector 
nozzle and (b) coolant mass flow rates in the compatibility scenario. 
 
Figure 7. Variations with time of the coolant-side and gas-side wall temperatures in the compatibility 
scenario. 
 
Figure 8. Prescribed variation of heat flux with time in the robustness scenario. 
 
Figure 9. Variation of: (a) coolant delivery temperature and pressure difference across the injector 
nozzle and (b) coolant mass flow rates in robustness scenario. 
 
Figure 10. Variations with time of the coolant-side and gas-side wall temperatures in the robustness 
scenario. 
 
Figure 11. Prescribed variation with time of the coolant-side wall temperature and heat flux in the 
engine test scenario. 
 
Figure 12. Variations with time of (a) coolant delivery temperature and pressure difference across the 
injector nozzle and (b) coolant mass flow rates in the engine test scenario. 
 





























Figure 2. Schematic diagram of a spray cooling system and relevant parameters. 

















𝑇𝑤,𝑔: 𝐺𝑎𝑠 𝑠𝑖𝑑𝑒 𝑚𝑒𝑡𝑎𝑙 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒        
𝑃𝑐ℎ𝑎𝑚𝑏𝑒𝑟: 𝐶ℎ𝑎𝑚𝑏𝑒𝑟 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒                 
𝐻 = 𝑁𝑜𝑧𝑧𝑙𝑒 𝑡𝑜 𝑠𝑢𝑟𝑓𝑎𝑐𝑒 𝑑𝑖𝑠𝑡𝑎𝑛𝑐𝑒          
𝑤 = 𝑇𝑒𝑠𝑡 𝑝𝑖𝑒𝑐𝑒 𝑡ℎ𝑖𝑐𝑘𝑛𝑒𝑠𝑠                       
𝑘 = 𝑇𝑒𝑠𝑡 𝑝𝑖𝑒𝑐𝑒 𝑡ℎ𝑒𝑟𝑚𝑎𝑙 𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑣𝑖𝑡𝑦 



















   






Figure 6. Variation of: (a) coolant delivery temperature and pressure difference across the injector 















     
 
 
Figure 7. Variations with time of the coolant-side and gas-side wall temperatures in the compatibility 
scenario. 
 






                                     
Figure 9. Variation of: (a) coolant delivery temperature and pressure difference across the injector 




        









Figure 11. Prescribed variation with time of the coolant-side wall temperature and heat flux in the 
engine test scenario. 
 
 
                          
 
Figure 12. Variations with time of (a) coolant delivery temperature and pressure difference across the 








    
 
Figure 13. Variations with time of the coolant-side and gas-side wall temperatures in the engine test 
scenario. 
 
 
 
